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Abstract: Based on the statics and quasi-statics analysis methods, the thermal deformation calculation
model of a deep-groove ball bearing was constructed for the helical gear transmission system of
a high speed electric drive, and the radial and axial bearing stiffness values of the bearing were
calculated under the thermal deformation in this study. The obtained radial and axial stiffness
values were introduced into the established dynamics model of helical gear system, and the influence
of changed bearing stiffness, resulting from the thermal deformation, on the nonlinear dynamic
characteristics of gear pair was analyzed using the Runge-Kutta method. The results show that the
axial and radial deformations of bearing occur due to the increase of working speed and temperature,
in which the axial stiffness of bearing is improved but the radial stiffness is reduced. The decreasing
degree of axial stiffness and the increasing degree of radial stiffness decrease with the gradually
increasing working rotational speed. When considering the influence of thermal deformation on
the bearing stiffness, the helical gear system will have nonlinear behaviors, such as single periodic,
double periodic, and chaotic motion with the change of working speed. Therefore, in order to
improve the nonlinear dynamic characteristics of high speed electric drive gear systems, the influence
of bearing stiffness change on the dynamic performance of a gear system should be considered in the
industrial applications.

Keywords: bearing; thermal deformation; nonlinear dynamic; electric drive; gear system

1. Introduction

The transmission system is a core unit of automobile and train power systems, and it
plays a critical role in the dynamic performance of automobile and high speed trains [1,2].
Compared with the conventional transmission system, the transmission system of a high
speed electric drive has its specific characteristics of higher rotational speed and great
torque, which may increase the failure risk of gear bonding. Moreover, as there is no engine
cover effect in the electric drive, the vibration and noise of gear pairs may become more
prominent under the working conditions of high speed and great torque, in which the
better working performance and vibration control of key components, such as gears and
bearings, are required [3-6]. Therefore, it is of great significance to study the dynamics
and vibration characteristics of high speed electric drive [7], determining the NVH (noise,
vibration, and harshness) performance of automobiles.

The dynamic characteristics of gears and bearings under the high speed working condi-
tions have been well studied by previous researchers [8,9]. Ouyang Tiancheng et al. [3] analyzed
the lubrication and dynamic characteristics of high speed spur gears. Hu Zehua et al. [10]
proposed the dynamic characteristics of a high speed surface gear rotation coupling sys-
tem. Kunpeng Xu et al. [11] investigated the influence of rotation speed on the nonlinear
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dynamic characteristics of the angular contact ball bearing. B. Choe et al. [12] studied
the dynamic characteristics of ball bearings immersed in the low-temperature liquid at
different speeds and loads. S. Jain [13] and Y. Wang [14] found the sliding characteristics of
angular contact ball bearings with the influence of gyroscopic moment and centrifugal force
at high speed. When analyzing the nonlinear dynamic characteristics of the transmission
system, the bearing was generally simplified and only the radial bearing stiffness was
considered, ignoring the axial stiffness of the bearing [15,16], or the axial stiffness of the
bearing was regarded as a linear spring [17,18]. However, with the development of electric
drive technology towards low noise, high efficiency, high speed, and multigear, the change
of bearing stiffness cannot be ignored at the high speed due to the thermal deformation.
Therefore, Feng Haisheng [19] and Li Tongjie et al. [20] studied the influence of bearing
stiffness on the system dynamics performance under the high speed working conditions.
Kahraman et al. and Ozguven et al. [21,22] established a nonlinear dynamic model of
the gearing-rotor-bearing system, aiming at considering the bearing stiffness and other
factors, and studied the influence of bearing stiffness on the nonlinear characteristics of the
transmission system. When analyzing the dynamic characteristics of a high speed electric
drive gear transmission system, the axial and radial loads not only create a contact stress
between the ball and the inner ring, or the outer ring, changing its contact angle, resulting
in the bearing wear failure [23], but also the temperature rise of bearing can change the
dynamic stiffness [24], the dynamic response of the gear and its amplitude [25,26], which
may affect the whole transmission.

In order to improve the NVH performance of a high speed electric drive transmission
system [27], this paper studied the thermal deformation of bearing under the high speed
working conditions and the influence of bearing stiffness, which was changed by the
thermal deformation [28,29], on the nonlinear dynamic characteristics of an electric drive
helical gear transmission system. Firstly, through the statics and quasi-statics analysis of
bearings, the heat generation of the deep groove ball bearing was calculated for the high
speed electric drive, and the temperature rise and thermal deformation of the bearing were
calculated based on the thermal resistance network method. Then, the bearing stiffness
values under different thermal deformation conditions were calculated and introduced
into the nonlinear dynamic model of the high speed electric drive helical gear transmission
system. The dynamic transfer error bifurcated diagrams of gear pair were analyzed, and
the influence of bearing thermal deformation on the nonlinear dynamic characteristics of
the high speed electric drive gear system was studied. The average rotating speed of car
engines is around 10,667 rpm when it is running at the maximum highway speed limit of
120 km/h, and the maximum design speed (16,000 rpm, corresponding to 180 km/h) is
marked in all figures in this paper.

2. Thermal Deformation of Deep Groove Ball Bearings in the High Speed Electric
Drive System

The sectional view of a high speed electric drive helical gear drive system and a
primary gear pair connected to the motor output shaft are shown in Figure 1, respectively.
Firstly, the statics and pseudo-statics models of the deep groove ball bearing in the primary
gear pair were established. Then, based on the thermal resistance network method, the
deformation of the temperature rise of the ball bearing under the high speed working
condition was obtained, which laid a foundation for the bearing stiffness calculation under
the subsequent thermal deformation conditions.
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Figure 1. (a) Sectional view of the structure of an electric drive system and (b) the assembly drawing of primary gear pair.

2.1. Statics Analysis and Geometric Deformation Relationship of a Deep Groove Ball Bearing

When the deep groove ball bearing was imposed under the different direction loads,
the geometric deformation and force diagrams of bearing are shown in Figure 2, respec-
tively. The point contact exists between the bearing ball with the inner ring and the outer
ring, respectively. According to the Hertz contact theory [30,31], it is assumed that the
elastic deformation is only generated by the contact, and the load is perpendicular to the
contact surface with an oval shape, which is completely smooth without the tangential
friction. Based on the least square method, the ellipticity «, the first and the second types
of complete elliptic integral I and IT can be obtained, respectively. The subscripts are i
and o, and they represent the contact ellipse of the bearing ball with the inner and outer
rings, respectively [32]. The contact stiffness between the ball and the inner ring (K;), and
between the ball and the outer ring (K,) can be expressed as:

_ 3 (mmEN P o V3 G
K=3(%) (f5s) @ )

2
s (B3 o, \Y3 173
Ko=3(%5) " () Qs

Figure 2. Geometric deformation of a deep groove ball bearing under different loads: (a) axial load, (b) radial load, and (c)

torque load.



Sensors 2021, 21, 309

4 of 27

It can be seen in Figure 2c that the contact load on the normal bearing ball is:
Q =F,/(Zysina). The relation between the axial force of bearing and the deformation
coefficient of contact load is denoted as [33]:

F, ) COS & 1.5
a = smtx( 0 _ 1)

: cos @
Z,Ky, (B be)
where, F; is the axial load (including the axial preload and axial load), K, is the bearing
equivalent contact load deformation coefficient, proposed in Equation (3), Z; is the number
of bearing balls, Bs= fitfo-1, is the total curvature, where f; = r;/ D}, and f, = 1,/ Dy, are the
internal and external curvature coefficients, respectively, #; and r, are the radius values of
curvature of inner and outer raceway, respectively, D, is the diameter of ball, and g is the
initial contact angle of the bearing. The Newton—-Raphson method was used to calculate
the actual contact angle under the action of axial preload, and its iterative equation can be
described in Equation (4).

-3/2
Kn _ (K;2/3 + KJZ/:”) (3)
Z[I):HZK o Sina(cc%sspz? B 1)1.5
! b

4)

cosag  1\15 2 (cosag 1105
cosa (280 —1)™7 4+ 1.5tan? a (S50 — 1) cos g

The deflection of the bearing around the x and y directions is ignored, but the deflection
around the z direction is considered. In this case, the contact angles, deformations, and
displacements for the ball-raceway contacts at azimuth ¢; are shown in Figure 3. Then, the
axial and radial distances between the loci of inner and outer raceway groove curvature
center (Ayj and A) can be expressed as:

Ayj = BDysinag + 0, + R0 cos ¢; 5)
Apj = ByDy cos g + by cos P
Ryi =Dy /24 (fi —0.5)Dy cos ©)
Ryo = Dy /2+ (fo — 0.5) Dy cos

Yj=271(j—=1)/Z @)

where, 6, and J; are the relative displacements of the inner and outer ring under the action
of external forces, respectively, and 0 is the angle of the bearing under the external forces.
R,; and R,, are the radius values to locus of inner and outer raceway groove curvature
centers, respectively, and the calculation equation is shown in Equation (6). ¢; is the
position angle of the jy, ball, and the calculation equation is shown in Equation (7).

Alj
6, +rocosy;
3
i - — ——r—*‘
0 7 %
le ,,' 4 1
) e A,
0[01 XZP,OS / 2j
% [ 4 B(D,

0 g /
%)/

Figure 3. The contact angles, deformations, and displacements for the ball-raceway contacts at
azimuth i; with the imposed load.



Sensors 2021, 21, 309

50f27

ur|r:D/2 =

2.2. Quasi-Statics Analysis of the High Speed Running Bearing and Its Deformation
Geometry Equation

Under the condition of high speed, the diameter of bearing inner groove and contact
angle can be changed by the centrifugal force. Therefore, for the high speed electric drive
system, it is necessary to analyze the deformation and stiffness of bearing under the high
speed working condition. In order to simplify the calculation, the rotational slipping of the
bearing ball is ignored and only the axial and radial forces of the bearing are considered in
this study. Then, the force on the jy, ball at the high speed is shown in Figure 4 [34].

Figure 4. Ball loading at angular position ¢;.

When the ball is subjected to the contact loads Q;; and Q,;, gyroscopic moment My,
and the friction forces F;; and F,; generated between the inner and outer rings of the bearing,
the equations of mechanical equilibrium under the load of the bearing and its ball can be
obtained as:

Z

F, — 121 (Qjjcosajj + Fijcosa;j) =0
]:
Z .
F — 'Zl (Qjj cos ajj + Fyjsinaj) cos ih; = 0 (8)
/:
z
Mgi — '21 [(Ql] sin le']' -+ Fij CcOs “ij)Rri — riFij} CcOos lP] =0
]:

where, F, is the axial force (including the preload F,g), F; is the radial force, My is the
torque around the axial center of the bearing, and «;; and «;; represent the actual contact
angle between the jy, bearing ball and the inner and outer rings of the bearing, respectively.
According to the Hertz contact theory, the normal contact load between the ball and bearing
inner or outer rings can be expressed as:

Qs = Kyt )
Qoj = Kojyj”

where, Kj; and K,; are the load deformation coefficients of the jy, bearing ball and the inner
and outer ring, respectively. At the same time, according to the calculation equation [35],
when the outer diameter of the thick-walled cylinder is under the pressure of p, the relative
displacement of the inner and outer rings of the bearing under the centrifugal force can be
calculated. The specific expression can be denoted as:

(14 vs)D[D? + (1 — 2v5) D?] N (14 vs)D[(2—3vs)D? — (1 —2v5)D?]

2E,(D? — D?) P 32E, ps (10)
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where ps, vs, Es, and D are the material density, Poisson’s ratio, elastic modulus, and
diameter of the transmission shaft, respectively, and D is the diameter of the connecting
surface of the transmission shaft [35].
The axial and radial distances between the loci of inner and outer raceway groove
curvature center (A;; and Ay;) can be expressed as:
{ Alj = Bbe sina0+5a+R,i9cos¢j (11)
Apj = BfDy cos g + 0y cos i + ur

where, compared with the static load, the vertical distance increases the displacement u,
caused by the centrifugal force. According to the geometrical relationship, the contact
angles between the ball and the inner and outer raceway are expressed as:

K, = arccos L
0oj = (fo—05)Dy+0y7

C— avec Arj— Xy -
&ij = aresin{ =5 575, 5,

where, Xj; and X»;, are the axial and radial projection values of distance between ball center
and outer raceway center, respectively, and ¢;; and 4, are the elastic deformation of the
inner and outer ring in contact with the ball, respectively.

Combining Figure 5 and Pythagorean Theorem, the compatible equation of defor-
mation geometry of contact between the ball and the inner and outer raceways can be
obtained by:

{ (Avj — Xij)* + (Agj — Xop)* = [(fi — 0.5)Dy + 3] (13)

X3+ X3; = [(fi — 0.5)Dp + b

< Alj >

_Q.‘J\Db)(éij
Ui 8, +R,0€08y

o0 | §1c?swj +U,

1

. 1
§ o) 7 i
1

g
3
&

QQ a() 4 ’ Q){\Q‘o

0.(0,

Figure 5. The contact angles, deformations, and displacements for the ball-raceway contacts at
azimuth i; with the working load and centrifugal force.

According to Figures 4 and 5, considering the centrifugal and gyro effects during the
high speed operation of the bearing [33], the equilibrium equations of the bearing ball are
obtained as follows:

{ Qjjsina;; — Quj sina,; + Fjj cos aj; — Fyjcos agj = 0 (14)

Qi]' COs jj — on COs &y — Fij sin Kij + Foj sin Koj + FC]' =0
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where, the friction forces Fj; and F,; are related to the gyroscopic moment My; of the bearing
ball. Meanwhile, the torque caused by the friction is balanced with the torque caused by
the gyroscopic moment, and Equation (14) can be expressed as:
. . Mg M,
{ Q1] sin & — on sin &y + /\ZJquj COS ijj — /\oijg] Ccos i, = 0 (15)

y 0. A i By P . L
Qjjcoswjj — Qpj cos tyj — Ajj D, sinajj + Ay D, sinay; + Fj =0

The centrifugal force, generated by the high speed operation of the bearing, makes the
ball purely roll on the bearing outer raceway. Thus, in Equation (15), A;; = 0and A,; = 2 [31].
F; is the ball centrifugal force, and it can be expressed as:

70y Dy Dincoy;

Fyj=—— (16)

where, py, is the density of ball, and w;; is the ball orbit velocity. The calculation equation of
gyroscopic moment is denoted as follows:

ng = ]bwcjwhj sin ﬁ] (17)

where wy; is the spinning speed of ball, ], is the mass moment of inertia of ball, proposed
in Equation (18), and B; is the attitude angle of the jy, ball, as shown in Equation (19) [33].

pp7D;
= 18
Jb 0 (18)
sina,;
B = arctan———— S (19)
COs Kyj + Y

where, 7" = Dy /Dy, is the ratio of the ball diameter to the pitch diameter of bearing.

2.3. Calorific Value Calculation Model of the Deep Groove Ball Bearing Running at the High Speed

Under the high speed working conditions, in addition to the thermal deformation
as a result of the centrifugal force, the bearing will also produce a lot of heat and thermal
deformation resulting from the friction. According to Palmgren [36] test analysis, the
friction torque is mainly generated by the viscosity of lubricant and the effect of loading.
At the same time, the ball will produce the spinning motion in the outer raceway [33],
which will cause the friction torque and generate the heat. Therefore, the heat produced by
the friction torque, which is caused by the bearing load, lubrication viscosity, and spinning
motion, is mainly considered in the heat calculation.

The friction torque M; generated by the bearing load can be obtained by:

My = f1P1Dy, (20)

where, f1 is the coefficient related to the bearing type and loads [36]. P; is the force related
to the magnitude and the directions of axial and radial loads [36].
The viscous friction moment M, caused by the orbiting rolling elements as they plow
through the viscous lubricant can be expressed as [36]:
107 fo(un)3D3, pun > 2000
M, = { s - (21)
1.6 x 107> fyD;, un < 2000

where f, is a factor depending on the type of the bearing and the method of lubrication.
Since the lubrication method is oil bath or oil mist, so f, = 1—2 [37]. n is the bearing speed
and y is the lubricant kinematic viscosity at the working temperature.
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The magnitude of the spinning moment of the jy, ball can be obtained by [38]:

{ Myij = g psiQij Ayl 22)
Msoj = %HsoonAojHo

where, y ; and ps, are the coefficients of friction between the ball and inner and outer
raceway, respectively. Q; and Q,; are the ball loads between the jy, ball and inner and
outer raceway, respectively. A;; and A,; are the semimajor axis of projected contact ellipse
between the jy, ball and the inner and outer raceway, respectively. ITi and Ilo are the
complete elliptic integral of the second kind with the modulus.

Hence, the total heat generated by the total friction torque can be denoted as:

mm

H =
30

(M1 + M) + wsiMsi + wsoMso (23)
where, wy; and ws, are the spinning of the outer raceway relative to the ball, and they can
be calculated by:
Wso = wy(sina, cos B — cos a, sin f) — w, sina, (24)
wgj = —wp(cos a; sin p — sina; cos B) + w; sin x;

where, w; and w, are the relative angular speeds of the inner and outer raceway, respectively.
wy, is the spinning speed of ball, which is calculated by Equation (25), w. is the rotational
speed referring to the orbital motion, and it can be calculated by Equation (26), w;, is the
absolute angular speed of the inner raceway, and B is the attitude angle of the ball, as
shown in Equation (19).

(D /Dy + cos )

25
“(cos Bcosa; +sin Bsina,) @5

wyp =

(DD—’; + cos oco) (cos Bcosa; + sin fsina;)

we=wy| 1+ (26)

(%’Z + cos Oéi) (cos Bcoswa, + sin Bsina,)

Combining the above equations and the specific parameters of bearing in Table 1,
the calorific values can be obtained under different rotating speeds and preload values
with no-load and load conditions, as shown in Figure 6a,b, respectively, ignoring the influence
of time-varying meshing force of gear on the bearing characteristics. The imposed load is
100 Nm, and the axial and radial forces are 2380.9 N and 1189.9 N, respectively, at this moment.

In Figure 6, it is found that the heat generation significantly improves with the increase
of rotating speed under the same axial preload. At the same speed, the heat generation
also increases with the increase of axial preload.

Table 1. Parameters of the deep groove ball bearing.

Parameters Deep Groove Ball Bearing
Number of balls 9
Bearing ball diameter (mm) 12
Bearing bore diameter (mm) 40
Bearing outside diameter (mm) 80
Radius of curvature of inner channel (mm) 6.24
Radius of curvature of outer channel (mm) 6.36
Coefficient of linear expansion 1.36 x 107
Initial contact angle (°) 14.8351
The initial clearance (mm) 0.04

Bearing pitch diameter (mm) 60
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Figure 6. Calorific values of bearing under different loading conditions: (a) no load and (b) the load with the input torque

of 100 Nm.

The bearing frictional heat generation will radiate outwards in the form of heat
conduction and convection. According to the research conclusions of Burton and Staph [39],
after the heat generation of bearing, half of the heat enters the ball and the other half enters
the inner and outer rings. Therefore, the obtained heat of the inner ring (H;), the obtained
heat of the outer ring (H,), and the obtained heat of the ball (H}) are calculated as follows:

H; = 0.25(mtn(M; + M,)/30) + 0.5(wg; M)
H, = 0.25(7tn(M; + M, ) /30) 27)
Hb = 0.5(7‘[7’Z(M1 + M]/)/30) + 0.5((,051'M5i)

2.4. Temperature Rise and Thermal Deformation of the Bearing Based on the Thermal Resistance
Network Method

After the generation of heat in the bearing, the heat will be transferred outwards,
which will improve the temperature of the inner and outer rings, and the bearing balls.
The axial and radial thermal deformation will occur between the inner and outer rings
of the bearing and change the contact angle of the inner and outer rings of the bearing.
Under the stable working condition, the temperature difference between bearing, gearbox,
and shaft system is small, and the heat radiation effect on the thermal behaviors of bearings
is little, so that the influence of heat radiation can be ignored [40]. Thermal nodes are
set at different points of the bearing and connected as a heat network in the form of heat
resistance, as shown in Figure 7.
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In Figure 7b, R.; 4 is the heat conduction resistance of the shaft, which is transferred
from the contact point between the bearing inner ring and the transmission shaft to the
thermal node of transmission shaft. R;; is the heat conduction resistance of the inner ring
of the bearing, which is transferred from the contact point between the bearing inner ring
and ball to the contact point between the bearing inner ring and the transmission shaft.
R}.; is the heat conduction resistance of the ball, which is transferred from the ball to the
contact point between the inner ring and the ball. Ry, is the heat conduction resistance
of the ball, which is transferred from the ball to the contact point between the outer ring
and the ball. R,.¢, is the heat conduction resistance of the outer ring, which is transferred
from the contact point between the ball and the outer ring to the contact point between the
bearing seat and the outer ring. R.,, is the heat conduction resistance of the bearing seat,
which is transferred from the contact point between the outer ring and the bearing seat
to the thermal node of the bearing seat. R;,.; is the convective heat resistance between the
bearing seat and the air, which is transferred from the bearing seat to the air. Rso¢ is the
convective heat resistance which is used to depict the heat transfer between transmission
shaft and the oil-gas mixture. The heats are transmitted from the inner ring to oil-gas
mixture by the resistances R, o,. The heat is transmitted from balls to oil-gas mixture by
the corresponding resistance Rj . Ro-og is the convective heat resistance which is used to
depict the heat transfer between balls and oil-gas [40,41]. The lubrication method of the
system is to force the lubrication through oil injection at the end cover of the bearing as
shown the oil nozzle (blue) in Figure 1. In the steady-state heat transfer process, according
to Kirchhof’s energy balance principle, the equations of heat balance at each node were
established. Therefore, the heat balance equations of the bearing model were established to
analyze and calculate the temperature between each part of the bearing. To simplify the
process, the following assumptions were made:

(1) The heat transfer process of the bearing is steady;

(2) The three-dimensional heat transfer model is simplified into a one-dimensional model
radial heat transfer [35,40,42], and the heat generation in the contact zone is caused
by friction losses and rolling resistance;

(3) The influence of temperature rise on the lubricating oil performance is ignored;

(4) The flow rate of the cooling fluid is large enough so that the fluctuating temperature
of the fluid is not considered, and the temperature of the oil-gas mixture is assumed
to be fixed at 28 °C;

(5) The material of all parts is assumed to be isotropic.

Then, the thermal balance equation of the system can be established as follows:

Ts—Tog  Ty—Ts _
Rs—o Rc1 -
m_ﬁ T Tcr — 0
YBUTS TR Tl —T
ci b 8 —
+ f—t+ R = 0.5H;

i—ci

T+ + R Ty _ 0.5H, 1 05H, (28)
R i Tlgu f”g — 0.5H,

Teo— Th L L-Te _ g

Th

Ta + Teo— Th :0

th

where, T; is the temperature of the transmission shaft node, T,; is the temperature of
the node at the contact point between the inner ring of the bearing and the shaft, T, is
the temperature of the gas—oil mixture, T; is the temperature of the inner raceway node,
Ty is the temperature of the ball node, T, is the temperature of the outer raceway node,
T is the temperature at the contact point between the outer ring and the bearing seat,
and T, is the air temperature. The force 0il cooling system, which is applied in Figure 1,
can help to contain the temperature of the system and reduce the error as described
in [40,43]. In addition, the fluctuating temperature of the fluid was neglected, as mentioned
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in assumption (4). Therefore, the temperature of the oil-gas mixture T,; which set fixed at
28 °C. The temperature difference between the two nodes is expressed as:

 ke-S

AT =
L-H

(29)
where, T is the temperature difference between two nodes, H is the transfer of heat, k is
the thermal conductivity of the material, S is the area perpendicular to the direction of heat
flow between two points, and L is the distance between two nodes. Therefore, the thermal
conductivity equation between bearing rings can be expressed as:

2kC

Hy =m0,/ D)

(To = T) (30)

The heat conduction is related to the thermal conductivity of the material, while the heat
convection is related to the heat transfer coefficient of the medium surface. Then, the heat
transfer coefficient of the air and the surface of lubricating oil can be denoted as, respectively:

hy =23 x1075(Ty — T,)*%
0.5 31
hog = 0.332k, P}/ (3 G

where, k; is the thermal conductivity of lubricating oil, P., is Prandtl number of lubricating
oil, 1, is one third of the speed of the cage, y is kinematic viscosity, and 7y is the radius of
the raceway.
According to the definition of thermal resistance, the above equation can be converted
into:
(To — Ti) - ln(Do/D,’)
g  2mkC

where, g is the heat; C is the width of the outer ring. D, and D; are the diameters of the
inner and outer rings, respectively.

R — (32)

Shell

== Bearing

)
_Ti o
o N0 O

“Ts\Ts  Shaft(Red)
@

Figure 7. (a) Thermal node distribution and (b) thermal network model of the deep groove ball bearing.

The thermal resistance of each structure in the process of heat transfer is shown in
Table 2. k;, ko, kp, ks, and ky, are the thermal conductivity of the inner ring, the outer ring,
the ball, the shaft, and the bearing seat, respectively. h;, ho, hs, hy,, hy, are the coefficients of
free/force convection heat transfer [36,40]. Dg and Dy, are the outer diameters of the shaft
and the distance of the bearing seat from the center line of the shaft, respectively. B, C, L,
and Ly, are the width of bearing inner ring and outer ring, the distance between the node
T from the transmission shaft end, the height of bearing housing, respectively, as shown
in Figure 7.
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Table 2. Thermal resistance description table.
Equations of the Equations of The
Name of the Node Thermal Resistance Name of the Node Thermal Resistance
, o 4L, 1 _ 4L, 4L, 4
Reis Reis = T.7B + D2 + fnD? Riy-g-ax Ry_q_ax = k;,r((D,z,;—Dg) + k/,nl}i)ﬁ FnniD?
In(D; /Dy _z
Rici Ri_.= % Rs-og Rs—og = onDZ
Ry Rp_i= }W-}ji[)b Ri-og Ri_og = ﬁ
Ry Rp_o = kM%Db Rb—og Rhfog = hbferﬁ
Ro-co Ro—co = lnélgf_[go) Ro-og RU*OX = hurr%:)oC
1 DI/DU 1 — RI*/X*H}\’RI*H*V
Reon Reo- = "5 + Gabiry Riia Ri-o = mnrRs
_ In(Dy/D,) 1
Ri-aer Ry—o-r = Zgmc” + mmDiLs
Combining the proposed heat balance equation of the bearing and the heat resistance
of each node, the Newton—-Raphson iterative method was used to solve the heat balance
equation, assuming that the initial ambient temperature is 26 °C, and the temperature of
each node was obtained, satisfying the setting accuracy.
Under the condition of axial preload force of 300 N, the temperature of each node was
calculated under the conditions of no-load (with the range of rotating speed from 7250 to
22,500 r/min), and the different radial and axial loads. For example, when the rotating
speed is 6500 r/min, the constant radial load is 1189.9 N, and the range of axial load is
from 0 to 2380.9 N. On the contrary, the axial load is constant while the radial loads are
various (with the rotating speed of 6500 r/min, the axial load of 2380.9 N, and the range of
radial load from 0 to 1189.9 N), and the calculation results are shown in Figure 8.
50
45t
3
T 40 _
= T
g 7
235+
Z E i
s0f s e
10,667(120kny/h) :
95 Y L ‘ |
0.5 1 15 2 25
Rotating speed(r/min) %10*
(a)
36 36
L L . L . . —*Tb
—~ r —_ T
L 34 J O S —— :TT
Tt 1 vy ¥YTITTYTITTITYTY v Lo
= = = Tci
g §32 I
2.30¢ 2 Th
g =
& g e 307
26! ' : : . 2l : ' :
500 1000 1500 2000 2500 0 500 1000 1500
Axial load(N) Radial load(N)
(b) ()

Figure 8. Temperature curve diagram of each node of the thermal network changing with the rotating speed and load:
(a) node temperature variation diagram with the rotating speed under no-load, (b) node temperature variation diagram
with axial load, and (c) node temperature variation diagram with radial load.

According to Figure 8a, when there is no load, the temperature of each node increases
almost linearly with the increase of rotating speed. Figure 8b,c indicate that, with the
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{

(“Ts_gTsi,)DTi = aiATiDi + (asATS(l + VS)DS — ﬂiATiDi)% = HSATs(l + Vs)Di
ur, + W — a,AT,D, + (ahATh(1+V}z)g—ﬂoAToD)Do = 4, ATy (1 + v,) D,

increase of the axial or radial load, the temperature of each node increases to a certain
extent, but the influence of axial load on the node temperature is much greater than that
of radial load. In the same working condition, the temperature rise of the bearing ball is
the maximum and that of the housing is the minimum in each node of the bearing. The
temperature at the contact point of the inner and outer raceway is similar with that of the
inner and outer rings of the bearing, and the temperatures at the contact point and the
thermal node of inner ring are higher than that of the outer ring.

According to the temperature rise of the bearing, the corresponding thermal deforma-
tion can be calculated by [40-42,44]:

ur = ayATd (33)

where, ur is the thermal deformation, and a, is the thermal expansion coefficient of the
material, where subscript x = s, i, 0, and , respectively, refer to the thermal expansion
coefficients of the transmission shaft, inner ring, outer ring, and transmission housing.
AT =Ty — T, is the temperature gap of the part and d is the diameter of each part. Due
to the axisymmetric distribution of bearing temperature, depending on the stress—strain
relationship [45], u1; which stands for the thermal deformation of transmission shaft, ur;
which is the thermal deformation of bearing inner raceway, ug; which is the radial thermal
deformation of inner ring, ug, which represents the deformation of the outer raceway,
ug, which denotes the radial thermal deformation of outer ring, u, which is the thermal
deformation of the ball, and up; which stands for the radial thermal deformation of the
bearing seat, can be obtained by, respectively:

urs = asATs(1 4+ vs)Ds

uri = a;ATid,
uri’ = ;;AT;D;
ut, = a,AT,d, (34)

uTo, = a,AT,D,
urp = aoATpDy,
ury = ayATy (1 +v,)Dy,

Based on Equation (34) and bearing temperature rise model, the radial thermal de-
formation equations of inner raceway and outer raceway can be obtained [32], where the
thermal deformation of the inner raceway is considering the effect of the thermal defor-
mation of the shaft, and the thermal deformation of the outer raceway is considering the
deformation effect of the bearing seat:

T

(35)

Considering the ball deformation, up which refers to the relative radial thermal
deformation between the inner and outer groove raceway can be expressed as:

Uy = UTyi — UTpo — ZuTb = asATs(l + US)DS + ahATh(l + Z)h)DO - ZabATme (36)

Considering the deformation of the transmission shaft and the bearing seat, u, which
refers to the axial thermal deformation between the inner and outer ring raceway can be
expressed as:

ut, = (apATyLy — asATsLs)/2 (37)
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When the thermal deformation is caused by the heat generation of the bearing, the
axial and radial distance between the loci of inner and outer raceway groove curvature
center changes, as shown in Figure 9. In this case, A;; and A; can be expressed as:

A1j = BDpsinag + s + R0 cos 9 + ury, (38)
Apj = BDycosag + 0y cOS P + Uy + Uty

! 8, + R,0c08yf, +uy,

! D, COSY/j +U, + Uy,

0
O'p - - *

S 0 4 % :

* ’ 1
QQ le // A,
Q‘;}\ (Zo- XZP/OS 2j

So ao , ]’ Q)@‘o
’

0)(0,
Figure 9. The contact angles, deformations, and displacements for the ball-raceway contacts at
azimuth P; with the working load, centrifugal force, and thermal deformation.

In addition to the relative displacement and angle under loading, the thermal de-
formations of the bearing, shaft, and bearing seat can also change the axial projection of
distance between the ball center and the outer raceway groove curvature center.

With the preload of 300 N, the axial load of 2380.9 N, and the radial load of 1189.9 N,
the relationship between the rotating speed and the axial deformation or the radial defor-
mation of the bearing is shown in Figure 10. In Figure 10a, u;-;; and u,-;; represent the
combined axial and radial deformation of the bearing, respectively. It can be seen from
Figure 10 that the thermal and comprehensive deformations in axial and radial directions
both improve with the increase of rotating speed, where the deformation is under loading.
The axial thermal deformation of the bearing is far less than the axial deformation under
loading, and it can be ignored. The radial thermal deformation of the bearing is close to
that under loading, and it is greater than that of the centrifugal effect. The influence of the
radial thermal deformation on the bearing dynamic characteristics should be considered.

0.2 i T T 4 ~0.015 : .
= : ; g 5 16,000(}80km/h)
é il ,000(180km/h) £ :;’r !
Z0.15 ; = ulr :
g . : S 0.0l —v—urall :
= H \ —8—da = d
é 01 : : o £ 10,667(120km/h :
'-8 i H —4— ua-all e \A' !
) | ; © (.005 ] i
™ 0.05 ' i = ' :
—= 02 110,667(120kni/h) ; = T
g+ | i "g M
< 0L — ' ot - J ~ 0 ¢ L .

0.5 1 1.5 2 2.5 0.5 1 1.5 2 25

Rotation speed of bearing/ (r/min) x 10*

(a)

Rotation speed of bearing/ (r/min) « 1o*

(b)

Figure 10. (a) Axial deformation displacement graph and (b) radial deformation displacement graph
of the deep groove ball bearing under the centrifugal effect and thermal deformation.
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3. Analysis on the Influence of Bearing Stiffness on the Nonlinear Dynamic
Characteristics of the Gear Transmission System

3.1. Calculation of Bearing Stiffness under the Thermal Deformation Condition

The bearing stiffness affects the vibration characteristics and nonlinear behavior of the
gear transmission system [29]. The better bearing stiffness may make the drive system run
more smoothly. Based on the thermal deformation of the deep-groove ball bearing under
the conditions of high speed operation, the bearing stiffness under the thermal deformation
was calculated, and the nonlinear dynamic characteristics of the high speed electric drive
gear transmission system were analyzed under the thermal deformation.

Firstly, based on Equations (13) and (15), the Newton—-Raphson method was used to
calculate the inner and outer ring loads (Q;; and Q,;), and the contact angles (a;; and a,;),
meeting the accuracy requirements before and after the thermal deformation of the bearing.
Then, the contact stiffness of the bearing under the condition of thermal deformation was
calculated, and the axial and radial stiffness values were solved. The contact stiffness
between the ball and inner or outer ring of the bearing is shown in Equation (1). The total
axial stiffness of the bearing is the parallel of the axial contact stiffness between the balls
and inner and outer rings, which can be expressed as:

Z
b Kaij X Kaoj

K =
! Kaij + Kaoj

(39)
j=1

where, K;;; and K,,; are the axial contact stiffness values between the jy, ball and inner and
outer rings, respectively, and they can be obtained by:

Kuij = Kij Sil’l2 ocl-]-
. 40
{ Kaoj = Koj sin? Xoj (40)
Similarly, the total radial stiffness of a bearing can be expressed as:
Zb K..: x K,.: 27.[(71)
K= ) o (2UY) @)
’ ]; Krij + Kroj z

where, K;;; and K;,; are the radial contact stiffness values between the jy, ball and inner and
outer rings, respectively, denoted as:
= K. 2 i
K;ij = Kijjcos zacz] 42)
Kioj = Kojcos” ay;

Figure 11 shows the influence of the thermal deformation on the axial and radial
stiffness of the bearing under the accelerated input torque of 100 Nm, where the range of
acceleration speed is from 6500 to 16,500 r/min. The red “*’ shaped line and red dotted line
represent the relationship curves of axial stiffness and radial stiffness versus the rotating
speed, respectively, without considering the bearing temperature rise. The blue ‘+" and
blue ‘A" shaped lines are the curves of axial stiffness and radial stiffness versus the rotating
speed, respectively, considering the bearing temperature during the working conditions.
In Figure 11, regardless of the thermal deformation of the bearing, the radial stiffness of the
bearing slowly improves with the increase of the rotating speed, while the axial stiffness
slightly decreases. This reason is that the centrifugal force and contact load of the bearing
ball are improved, and the contact angle between the ball and the outer ring groove is
reduced with the increase of the rotating speed. In addition, the thermal deformation of the
bearing will reduce the radial clearance of the bearing and the contact angle of the outer
ring at the same rotating speed, thus further improving the radial stiffness and reducing the
axial stiffness of the bearing. However, the thermal deformation of the bearing results in
the increase of the ball radius with the increase of rotating speed, and the contact stiffness
and contact angle change under the deformation of the inner ring. The increase degree
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of the radial stiffness and the decrease degree of the axial stiffness may reduce with the
increase of the rotating speed. Therefore, the effect of high speed and the influence of
bearing temperature rise on the bearing stiffness should be considered when analyzing the
nonlinear dynamic characteristics of the high speed electric drive gear system.

4 x10
[ 1 T
35+ ! ! |
) 10,667(120km/h) H H
£ 3 ! -
Z i T 1
%25* »»_<>,_,,_»»—»‘/"’i”<7/_>/ ——Ka-without
é o ! H—Ka»withr
‘?’D 2 H - ,Kr-withoutr
i 16,000(180km/h ;
g 15 : ( / ) +Kr-w1thr
L 1 1
[aa] 1 \
1 MI
i '
050 ! ! ! I I ! ;|
0.6 0.8 1 1.2 1.4 1.6 1.8
Rotating speed(r/min) «10*

Figure 11. Axial and radial stiffness of the bearing with or without the thermal deformation.

3.2. Dynamic Modeling of the High Speed Electric Drive Gear Transmission System

Based on the above analysis and calculation of bearing stiffness, a dynamic model of
the helical gear system supported by the bearing was established, as shown in Figure 12.

Figure 12. Dynamic model of the electric drive transmission system.

In Figure 12, O, and Oy are the rotation centers of the driving and driven gears,
respectively, with the counterclockwise rotation around the central axis as the positive
direction, and the compression spring stiffness direction as the positive direction of the
meshing force. The stiffness/mass matrix of the shaft parts is extracted by the lumped-mass
method, and the dynamic equations including the movement direction of the driving and
driven gears along x, y, and z directions and the rotation direction around the axis of the
gear can be established, respectively, as shown in Equations (43) and (44), to study the
nonlinear dynamic characteristics of the gear system under different input torques and
rotating speeds.

mPkP + Cbpxjfp + kbpxxp + Fn CcOs ﬁg sin Q= 0
mP]’/’p + Chpyyp + kbpy]/p + F, cos ﬁg cos g = 0
MpZp + CppzZp + kppzzp + Fysin Bg = 0

1,0, — tp + Fycos BgRy, = 0

(43)
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MgXg + CpgxXg + kpgyXg — Fucos Bgsing =0
MgYo + Cogyl o + KigyYg — Fuc0s fgcos ¢ =0
MgZg + CpgrZg + KpgzZg — Fnusin Bg =0

Lifg +tg — Fycos BgRpg = 0

(44)

where, m,, and mg are the mass values of driving and driven gears, respectively. kbpx/ kbpy,
Kppz, Kogxs kugy, and kyg, are the supporting stiffness values of the bearing mounted on the
driving and driven gear shafts in the x, y, and z directions, respectively. Copxr Chpys Chpzs
Chgxs Chgy, and Cpg, are the damping coefficients of the bearing mounted on the driving and
driven gear shafts in the x, y, and z directions, respectively. F; is the meshing force. I, and
I are the moment values of inertia of the driving and driven gears, respectively; R, and
Ry are the base circle radius values of the driving and driven gears, respectively. 6, and
f¢ are the rotation angles of the driving and driven gears, respectively; ¢, and t; are input
and output torques, respectively. B is the helix angle and ¢ is the angle between the action
surface and the vertical direction.

The meshing forces in the x, y, and z directions and the relative displacement in the
normal direction can be expressed as:

Ox = xp + Rpbp sin ¢ — xg — Rebg sin ¢

Sy =Yp + Rpbpcos ¢ —yg — Rebg cos ¢

0z =2p—2z¢ (45)
On = (0x sin @ + d,cos@) cos Bg + J. sin Bg

6y = (bysing + SyCOS(p) cos B¢ + 5, sin Bs

Due to the nonlinearity of the clearance, the dynamic meshing force can be expressed:

Fo=kn(6n—b—e)+cm(bn—¢) (6,—e)/b>1
0 —1<(b,—e)/b<1 (46)
Fy=ku(p+b—e)+cu(bp—e) (6,—e)/b<—1

where, b is the clearance and e is the comprehensive meshing error. Then the following non-
dimensional equations are conducted by the nonlinear dynamic Equations (43) and (44) [46]:

Mpbw?Xy + CppybwnXp + ki, by + Fy cos Bgsing = 0
mpbw%?p + cbpybwnyp + kppy bV, +fn cos fgcosp =0 @)
mpbw?z, + CopybwnZp + kppybZp + Fpsinfg = 0

Iybw;i8y Ry — tpRyp + FuRj, cos By = 0

mgbwﬁig + cbgybwnig + kg, bXg — FcosBgsing =0
mgbw%?g + cbgybwnyg + kbgybyg —fn cos fgcosp =0
Iebw30gRpg + tgRpg — fnRig cosBg =0

(48)

The generalized coordinates of the system can be defined as:
x=[ % Y, Z, X Y, Zg 0pRyy — O Rpg | (49)

The variable x in the generalized coordinates of the system is substituted into Equation (46),
and the dynamic equation of the system can be denoted as:
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- Chpx - Kppx FpcosBesing
X1+ m,,wpxl + mch%xl + B mpbw? =0
bpy . kppy FpcosBgcosg
X x =0
2T w2 ¥ T T
Copz Kppz Fysinp
X3+mZJX3+ p}zx 3+ pbwng_o
Chgx kpgx . FpcosBgsing
X4+ m ng 4+ . X4 ~ mgh? =0 (50)
Chgy - Kpgy _ FucosBgcosg
X5 + m wpx 5+ mpw%x5 _ mpbw% =0
Chgz kpg: _ Fusinfg
x6 + MgWn Yo + mgw%x6 m bw% - 0
T 2 T 2
527 _ 1 (tprp n thbg) B F, cosﬁgcoquRbg " F, cosﬁgcosqubg
bws Ip I Ip Ig

3.3. Analysis of Nonlinear Dynamic Characteristics of the Helical Gear Transmission System

The parameters of a helical gear system are shown in Table 3. The time-varying mesh-
ing stiffness (TVMS) of the gear pair was calculated by the numerical analysis method [47],
and the results are shown in Figure 13. In this Figure, with the gear rotation, the teeth
approach and recess in turn as from Gear 1 to Gear 11. Additionally, there are multiple
curves that coincidence at the same time, this is because there is more than one tooth
engaged in meshing during the gear meshing process simultaneously. According to the
parallel relation between the simultaneous meshing teeth, the TVMS of the gear pair can

be obtained.

Table 3. First gear pair parameters of the high speed electric drive powertrain system.

Parameters Driving Gear Driven Gear
Number of teeth 29 78
Normal module (mm) 1.537
Pressure angle (°) 16.5
Face width (mm) 33
Helix angle (°) 31.2
Elastic modulus (MPa) 20,600
Material density (tonne.mm-3) 7.8x10°
Mass (kg) 1.201 3.1
Poisson ratio 0.25
Rotational 1ne2rt1a 0.1152 16
(tonne.mm~)
x10°
37 ‘ [ [ ! Tooth 1
’E‘ Tooth 2
Z Tooth 3
<4 Tooth 4
@ Tooth 5
(0] Tooth 6
E£3r Tooth 7
= Tooth 8
g Tooth 9
S2F Tooth 10
© Tooth 11
Z —+— Gear pair
E1r f
=
0 \1\ L L L

5 10 15 20 25 30 35 40
Driving gear rotation angle/ (°)

Figure 13. Time varying meshing stiffness of the first gear pair.
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In actual working conditions, the bearing has six degrees of freedom to move and

rotate along x, y, and z directions. In this case, the bearing stiffness is calculated by:

[ kxx
Ky
kzx
kGXx
ko,
kGZx

kxy
kyy
kzy
ko,
Koyy
Koy

kyz
ky.
kzx
k9xz
keyz
kezz

kxex
kygx
kzex
ke.6.,
ko, 0.
ke.g,

kx9y

k x6;

(51)

While, the gear dynamic model established in this paper only considers the movement
along x, y, and z directions and the rotation around z direction, according to the axial and
radial stiffness calculated by Equations (39) and (41), the bearing stiffness in the dynamic

model can be established as:

0 0 0 ke O
kppy O 0| | 0 ky
0 kpyp O 0 0
0 0 0 0 0

0

ka

0

o o o O

0 0
K, 0
0 K,
0 0

o o o O

(52)

Thus, the bearing stiffness and time varying meshing stiffness of gear pair were
substituted into Equation (48), and the Runge-Kutta method [46] was used to obtain the
approximate solution of the nonlinear equation of the gear-bearing system. The nonlin-
ear dynamic characteristics of the gear system under the conditions of acceleration and
deceleration were calculated, respectively, by using the gear parameters in Table 3. The
bifurcated diagrams of the dynamic transmission error under accelerating and decelerating
working conditions are shown in Figures 14 and 15, respectively.

Figure 14a-c shows the bifurcated diagrams of dynamic transfer error of gear pair
with the constant bearing stiffness, variable bearing stiffness values without the thermal de-
formation, and variable bearing stiffness values with the thermal deformation, respectively,
under the accelerating condition. The results show that the system moves in a periodic-one
motion at a low speed, and occurs the periodic motions in a range of 9644 r/min (with
the constant bearing stiffness), 9933—10,140 r/min (without considering the thermal de-
formation), and 10,040—10,440 r/min (considering the thermal deformation). Then, the
step phenomenon occurs at the rotating speed of 6978 r/min (with the constant bearing
stiffness), 10,140 r/min (without considering the thermal deformation), and 10,440 r/min
(considering the thermal deformation). After that, the system performs a periodic-one
motion, it exhibits a chaotic motion in the range of 11,750—12,460 r/min, and proceeds
the 2T-priodicic motion at 12,840 r/min (with the constant bearing stiffness), 11,550 r/min
(without considering the thermal deformation), and 12,960 r/min (considering the thermal
deformation), respectively. Moreover, the system undergoes a chaotic motion in the rotating
speed range of 14,950—16,040 r/min (with the constant stiffness), 12,960—13,270 r/min and
15,690—15,990 r/min (without considering the thermal deformation), 14,380—14,580 r/min
and 16,100—16,500 r/min (considering the thermal deformation), and it proceeds into a
chaotic motion during other speed ranges.

Under the decelerating condition with the rotating speed range of 16,500—6500 r/min,
the bifurcated diagrams of dynamic transfer error of gear pairs with the constant bearing
stiffness, variable bearing stiffness values without considering the influence of thermal
deformation, and variable bearing stiffness values considering the thermal deformation
are shown in Figure 15a—c, respectively. The results are similar to those in the accel-
erating condition that the nonlinear bifurcation phenomena, such as the 1T-priodicic
motion, the quasi-periodic motion and the chaos motion, also exist in the gear system with
the increase of rotating speed. The system exhibited a spike at the speed of 6978, 6702,
6600, and 7106 r/min, respectively, and it exhibits a 2T-priodicic motion at the speed of
12,840 r/min (with the constant bearing stiffness), 11,550 r/min (without considering the
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thermal deformation), and 12,960 r/min (considering the thermal deformation), respec-
tively. In addition, the system performs a periodic motion in the rotating speed range
of 14,270—14,620 r/min and 14,990—15,690 r/min (with the constant bearing stiffness),
12,960—13,270 r/min and 15,580—15,880 r/min (without considering the thermal defor-
mation), and 14,380—14,590 r/min (considering the thermal deformation), and the system
proceeds to chaotic behaviors during other speed ranges. Compared with the dynamic
response of the system during the accelerating condition, the difference is that the hopping
phenomenon of these three conditions occurs below 7500 r/min, and the dynamic transfer
error in the low speed range is less than that under the accelerating condition. When
considering the bearing thermal deformation, the dynamic response of the system in the
high speed range is a periodic motion under the accelerating condition, which is different
from the chaotic motion under the decelerating condition.
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Figure 14. The bifurcated diagrams of gear system for the accelerating working condition: (a)
constant bearing stiffness, (b) variable bearing stiffness values without considering the influence
of thermal deformation, and (c) variable bearing stiffness values under the influence of thermal
deformation.
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Figure 15. The bifurcated diagrams of gear system for the decelerating working condition: (a)
constant bearing stiffness, (b) variable bearing stiffness values without considering the influence of
thermal deformation, and (c) variable bearing stiffness values considering the influence of thermal
deformation.

Through the comparison of the bifurcated diagrams of the transmission error under
the accelerating and decelerating conditions, it can be seen that the bearing temperature
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rise has a great impact on the nonlinear dynamic characteristics of the system within the
range of medium and high speeds. When the considering the bearing temperature rise,
the system will have a chaotic motion around the speed of 12,000 r/min. By comparing
the nonlinear dynamic characteristics of the gear system under the decelerating and accel-
erating conditions, the nonlinear behaviors of the system in the medium speed range are
similar under three different bearing stiffness values. However, the bifurcation character-
istics of the system are different in the low or high speed range. The spike phenomenon
may easily occur in the low speed range under the decelerating condition, while the sys-
tem will change from the chaotic motion to the periodic motion in the high speed range
(16,100—16,500 r/min) under the accelerating condition, when considering the influence of
thermal deformation.

4. Conclusions

The thermal deformation calculation model of the deep groove ball bearing was
established through the statics and pseudo-statics analysis in this study. The heat generation
and temperature rise of the deep groove ball bearing were analyzed under the high
speed working condition. The deformation, radial and axial stiffness of bearing under
the temperature rise were also calculated based on the Newton—-Raphson method. The
dynamic model of helical gear transmission system was established. Considering the
thermal deformation of the bearing, the influence of the various bearing stiffness values
on nonlinear dynamic characteristics of gear system was studied. The following specific
conclusions can be drawn:

(1)  Under the condition of high speed working condition, the thermal deformation of
the bearing will occur in both the axial and radial directions. The axial thermal
deformation is far less than the axial deformation, but the radial thermal deformation
is close to the bearing radial deformation under loading. When considering the
thermal deformation of the bearing, the axial stiffness of the bearing is reduced, while
the radial stiffness increases.

(2) The gear system of high speed electric drive appears T-periodic and chaotic mo-
tions under both accelerating and decelerating conditions. Under the accelerating
condition, the system has a hopping point around 10,000 rpm, and it exhibits the
2T-periodic motion without considering the thermal deformation, while the rotational
speed range of the system with the 2T-periodic motion is large when considering the
thermal deformation. The system will have a spike step before the rotating speed of
7000 rpm under the decelerating condition, and there is one hopping point under
the bearing stiffness without considering the thermal deformation. On the contrary,
the system has two spikes under the bearing stiffness considering the influence of
thermal deformation.

(3) Inaccelerating and decelerating conditions, the bifurcation behavior of the system
with the constant bearing stiffness is better than that with variable bearing stiffness
values within the range of medium and high speed. The bifurcation characteristics
of the system without considering the thermal deformation are more complicated
than that considering the influences of the thermal deformation, but the extra chaotic
motions of the system will appear when considering the thermal deformation in the
medium speed range (about 11,150—11,250 r/min), which shows that the bearing
stiffness may change the nonlinear dynamic characteristics of the system. Therefore,
the influence of thermal deformation on bearing stiffness should be considered in the
dynamic analysis of the high speed electric drive helical gear system.
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Nomenclature
r Complete elliptic integral of the first kind
IT Complete elliptic integral of the second kind
K Ellipticity parameter
i) Free contact angle of bearing (rad)
% mounted contact angle (rad)
s Relative displacement or elastic deformation of
contact (mm)
On Contact deformation between teeth (m)
0 The angle of bearing under the action of
external force (rad)
P Position angle of ball (rad)
v Poisson’s ratio
Es Modulus of elasticity (Mpa)
Op Density of ball (kg/mm?)
0 Density of gear (kg/m?)
Rotational speed refers to orbital motion
We (rad/s)
U Lubricant kinematic viscosity (centistokes)
Us Friction coefficient between ball and raceway
w The relative angular speed (rad/s)
Spinning motion of ball relative to the outer
Wsi raceway (rad/s)
Spinning motion of ball relative to the outer
Wso raceway (rad/s)
The absolute angular speed of the inner
wn raceway (rad/s)
wy Spinning speed of ball (rad/s)
B Attitude angle (rad)
Bg Gear helix angle (rad)
The angle between the acting surface and
¢ vertical direction (rad)
0y Rotation angle of driving gear (rad)
O Rotation angle of driven gear (rad)
A The axial distance between the loci of inner and
! outer raceway groove curvature center (mm)
The radial distance between the loci of outer
Ay and outer raceway groove curvature center
(mm)
A Semimajor axis of projected contact ellipse

(mm)
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kbpx

kng

Thermal coefficient of expansion (1/°C)
Width of the inner ring (mm)

Total curvature

Backlash (m)

Width of the outer ring (mm)

Gear meshing damping (N.s/m)

Bearing damping coefficients (N.s/m)

The distance of the bearing seat from the center
line of the shaft (mm)

Pitch diameter of bearing (mm)

Diameter (mm)

Raceway diameter (mm)

Integrated meshing error of gear pair (mm)
Curvature coefficient

A factor depending on the type of bearing and
the method of lubrication

Applied force on bearing (N)

Centrifugal force (N)

Meshing force of gear pair (N)

Power (W)

Convective heat transfer coefficient
(W/mm?/°C)

Moment of inertia (kg.m?)

Mass moment of inertia of ball (kg.mm?)
Load-deflection constant (N/mm!)
Thermal conductivity (W/mm/°C)
Thermal conductivity of lubrication oil
(W/mm/°C)

Axial stiffness of bearing (N/mm)

Radial stiffness of bearing (N/mm)
Bearing stiffness of bearing used to support
driving gear (N/m)

Bearing stiffness of bearing used to support
driven gear (N/m)

Meshing stiffness of gear pair (N.m)
Distance between the node T; from the
transmission shaft end (mm)

Height of bearing housing (mm)
Gyroscopic moment (N.mm)

Bearing friction torque due to lubrication
(N.mm)

Bearing friction torque due to load (N.mm)
Spinning friction moment (N.mm)

Quality (kg)

Rotation speed of bearing (r/min)

One third of the speed of the cage (m/s)
Prandtl number

Ball normal load (N)

Radial direction load on ball (N)

Axial direction load on ball (N)

Radius to locus of raceway groove curvature
centers (mm)

Gear base radius (m)

Thermal resistant between nodes (°C/W)
Radius of curvature (mm)

Temperature of node (°C)

Temperature of air (°C)
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